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ABSTRACT 
An Earth-to-Air Heat Exchanger (ETAHE) uses the ground’s thermal storage capacity to dampen 
ambient air temperature oscillations by delivering the outdoor air to the indoors through a horizontally 
buried duct. Most ETAHE simulation models assume the airflow is hydrodynamically and thermally 
fully developed at any duct cross sections. They use empirical correlations to calculate convective heat 
transfer at the duct surface. Recently, to reduce the airflow resistance in ETAHEs and save fan energy, 
some hybrid ventilated buildings have adopted large cross-sectional ETAHE ducts. This caused great 
difficulties for predicting their thermal performance because of the complex convective heat transfer 
process on the duct interior surfaces. In this study, numerical experiments are conducted to investigate 
the airflow and heat transfer in the large cross-sectional ETAHEs using computational fluid dynamics 
(CFD) method. A two-layer turbulent model is used to solve detailed flow information in the near-wall 
region. The model is further used to investigate the effects of duct cross-sectional area and airflow rate 
on the local convective heat flux. 
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INTRODUCTION 
An Earth-to-Air Heat Exchanger (ETAHE) is a low energy cooling and heating technology for indoor 
environment control. It ventilates air to the indoor through one or several horizontally buried ducts, as 
shown in Figure 1. The ground’s massive thermal capacity is used to preheat or pre-cool the air in 
order to reduce the building’s energy consumption.  
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Figure 1. Schematic of ETAHE 

 
In conventional ETAHEs air is delivered through the ducts by mechanical fans. Their hydraulic 
diameters are two orders of magnitude smaller than their lengths. Therefore, it is assumed that the 
airflow is hydrodynamically and thermally fully developed. In the past two decades, a number of 
studies had been conducted to develop simulation models for the energy performance of the ETAHEs. 
They usually divide a duct into a number of control volumes along its length. The outlet air temperature 
is predicted based on a heat balance approach for each control volume. The temperature of soil 
surrounding the buried duct is assumed to be the same as the undisturbed soil temperature. Reviews 
on this type of models can be found in a comparative study conducted by Tzaferis et al. (1992). The 
models have lately been improved by taking into account the heat transfer in the ground. The common 
method is to simultaneously determine the heat conduction in a soil around the ETAHE duct and the 
heat convection in the duct. Correlations of heat convection for fully developed flow are used to predict 
the surface heat transfer coefficients. The ground temperature variations due to daily and seasonal 
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weather changes are assumed to only take place at far-field and at the ETAHE burial depth, and the 
effect is radically symmetrical. 
Recently there has been a new trend in improving energy efficiency of mechanically ventilated 
buildings. It is based on the reduction of pressure drop in the ductwork by increasing the cross-
sectional area in order to reduce fan energy consumption. It is designed to simultaneously or 
alternatively employ the natural and mechanical airflow driving forces to satisfy the ventilation 
requirements and it is called hybrid ventilation system (Heiselberg 2002). In the past decade, some 
ETAHEs have been implemented in hybrid ventilated buildings (Schild 2001). To follow the strategy of 
the ventilation system, large cross-sectional ducts were chosen to minimize the pressure drop. In this 
type of application the difference between the duct hydraulic diameters and its length is only one order 
of magnitude. The change from the conventional small cross-sectional ducts to the large ones appears 
to be simple. However, the existing simulation models may not be applicable due to the complicated 
airflow and heat transfer processes. The objective of this study is to numerically investigate the airflow 
and heat transfer in the large cross-sectional ETAHEs. 
 
CONVECTIVE HEAT TRANSFER IN ETAHE 
Although the large cross-sectional ETAHEs have been used for several years, their performance has 
not been completely studied. Wachenfeldt (2003) investigated the overall energy performance of a 
hybrid ventilated building with an ETAHE using both simulation technique and long term monitoring. 
From data analysis and observation he noticed some phenomena, such as air temperature 
stratification, reverse airflow, and duct surface temperature variations. They were claimed to be the 
results of a complicated heat transfer process. To obtain convective heat transfer coefficient (CHTC) 
inputs for his building energy simulation, limited amount of data (i.e. the temperatures of inlet air, outlet 
air, and duct surfaces) was collected. Zhang and Haghighat (2005) showed that the CHTC of a large 
duct could greatly differ from that of fully developed heat convection in small-diameter pipes. This is 
due to entrance effects, buoyancy effects, and depth differences between the duct roof and floor. 
When an energy simulation is conducted, the interior surface convection of an enclosure is usually 
calculated using Equation 1.  

( )surfrefcw TTAhq −=               Equation 1 
For room applications, interior surface CHTCs are usually determined by empirical correlations 
generalized from experimental data. Test chambers need to be built to simulate the practical heat 
convection. If the similar approach is taken to develop a correlation for ETAHEs, a full scale duct 
model needs to be constructed. This is very expensive in terms of its construction and operation. It is 
even more laborious to run the experiments when design configurations need to be changed, such as 
duct length, width, height, and inlet/outlet forms. In addition, the accuracy of the experimental method 
has always been a major challenge in building applications (Spitler 1990 and Fisher 1995).  
With the development of CFD, numerical experiments become an alternative way to study heat 
convection. A few successful studies have been presented by Zhai and Chen (2004) and Hsieh (2004). 
The flexibility of numerical experiments in defining boundary conditions and design configurations 
overcomes many difficulties encountered in laboratory experiments. Zhai and Chen (2004) and Awbi 
(1998) also revealed the shortcoming of this approach, which is the sensitivity of the simulated heat 
convection to the turbulent model and the first grid size. Therefore, a reliable CFD modeling method 
needs to be determined. 
 
CFD MODEL DESCRIPTION 
Computational fluid dynamics technique discretizes a simulation domain into a number of grids and 
solves the governing conservation equations of flow and energy on these grids. The solution includes 
detailed information of the flow variables at every grid point. In the current study, the computational 
domain is the air volume encompassed by solid surfaces and inlet/outlet openings. The ETAHE is 
represented by a horizontal duct with an inlet tower and an outlet as shown in Figure 2. The symmetric 
configuration of the ETAHE allows cutting the simulation domain to its half to save computational time. 
To enable the analysis of heat transfer rate at various locations, the duct surfaces are divided into a 
number of elements.  
Governing equations 
Airflow in building ventilation applications is mostly turbulent and incompressible. The governing 
equations for mass, momentum, and energy in Reynolds-averaged forms can be simplified using the 
eddy viscosity concept as shown in Equation 2, 3, and 4. The buoyancy force caused by density 
gradients in the fluid is taken into account using the Boussinesq approximation. 
 



  
Figure 2. Schematic drawing of the ETAHE model 
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Turbulent modeling 
In a CFD simulation, convective heat flux in turbulent flow is mathematically expressed as Equation 5. 
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This indicates that the critical variables affecting the heat flux prediction are the turbulent viscosity and 
the temperature gradient from the first grid to the surface. It also explains why turbulent model and first 
grid size are extremely critical to the heat convection prediction. In room airflow simulations, the 
standard ε−k  turbulence model with log-law wall functions has been used the most often. Although 
many successful studies have been carried out, the model has been shown deficient in predicting 
surface convective heat transfer due to two reasons. First, the standard ε−k  model was formulated 
for fully developed turbulent flows and it over-predicts the eddy viscosity in low velocity regions. 
Second, the log-law functions require the first grid to be out of the viscous sub-layer, within which the 
temperature gradient is important for convection simulation. Some improvements have been found 
when Low-Reynolds number models were used for room airflow simulation (Chen et al. 1990, 
Haghighat et al. 1992 and Awbi 1998). However, the computational expense for full scale room 
simulation is considerably high. Therefore, improving the near-wall treatments for the standard ε−k  
model becomes an opportunity. This study uses a two-layer turbulent model, which solves a one-
equation lk −  model (Wolfshtein 1969) in the near-wall region and the standard ε−k  model (Launder 
and Spalding 1974) in the outer region away from walls. The demarcation of the two regions is 
determined by a critical turbulent Reynolds number defined in Equation 6. For the outer region, 

200Re >y , the standard ε−k  model is used. For the viscous-effected near-wall region, 200Re <y , the 
lk −  model is used. The momentum equations and the k  equation are retained the same as in 

standard ε−k  model. The turbulent viscosity, tµ , is computed using Equation 7, in which the 
turbulent length scale µl  is defined by Equation 8 (Chen and Patel 1988). To smoothly blend the two 
regions, an enhanced wall treatment method is adopted (Fluent Inc. 2003). 
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Mesh development 
To take advantage of the two-layer turbulent model, the mesh of computational domain has to be 
developed to form two adjacent regions, i.e. a near-wall region and an outer region. In this study, 
hexahedral elements are generated throughout the computational domain using commercial grid 
generation software, Gambit 2.3. A fine mesh is constructed in the near-wall region. Based on the first 
grid size, i.e. the distance of the wall to its adjacent grid, the grids proportionally grow away from the 
wall. In the turbulent region, hexahedral elements are generated with a uniform characteristic length. 
Detailed mesh generation criteria have been established in the previous study by Zhang and 
Haghighat (2006). 
Boundary conditions 
The inlet tower’s walls are normally insulated to protect them from freezing. Therefore, the walls above 
the duct ceiling are set to be adiabatic. Inclusion of the tower in the computational domain is only to 
allow the airflow to develop before reaching the horizontal part. Since the tower is usually a few meters 
high from the duct ceiling, a uniform velocity boundary condition can reasonably be applied at the inlet 
opening. At solid surfaces, no-slip condition: 

0=ju                                                             Equation 9 

surfTT =                                                         Equation 10 
A zero diffusion flux for all flow variables in the direction normal to the exit opening is applied at the 
outlet. Turbulent parameters at the inlet are defined using turbulent intensity and inlet characteristic 
length (hydraulic diameter) method.  
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Verification of simulation results  
A laboratory experimental study (Spitler 1992 and Fisher 1995) on mixed and forced convection in a 
room-size enclosure was conducted to develop correlations of convective heat transfer coefficients. 
Detailed measurements were made especially on quantifying the surface heat flux. Therefore, the 
study was selected to verify the CFD model. The experimental enclosure is shown in Figure 3 (left). 
The comparison between the measurement results and simulation shown in Figure 3 (right) indicates 
that the model can predict the heat convection with satisfactory accuracy. 
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Figure 3. Left: configuration of the experimental chamber 

Right: comparison of total heat flux results between measurements and simulations 
 
PARAMETRIC STUDY 
The CFD model is used to study the effects of two design parameters on the heat convection: air flow 
rate and duct height. The configuration of the duct is shown in Figure 2. The isothermal temperature of 
the duct surface is 10°C and the inlet air temperature is -10°C. Various airflow rates, i.e. 1 m3/s, 3 m3/s, 
5 m3/s, and 7 m3/s, were selected to simulate different ventilation requirements of the system. The 
area-averaged heat flux over each surface element is calculated. The simulated surface heat flux 
results at different surface elements of duct ceiling and floor are plotted in Figure 4. By comparing the 
heat flux results from cases with different airflow rates, one can find that the heat convection was 
enhanced when increasing the airflow rate. 
 

Airflow rate, Air changes per hour Unit in meter 
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Figure 4. Effect of volumetric airflow rate on local area-averaged heat flux with duct height of 1m 

 
The effects of duct height are evaluated by three simulation cases with different heights, i.e. 1 m, 1.5 
m, and 2 m. The duct surface temperature is 10°C. The inlet air temperature is -10°C. The airflow rate 
is 3 m3/s. The results are plotted in Figure 5. It shows that decrease of the cross-sectional size 
increases the heat convection.  
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Figure 5. Effect of duct height on local area-averaged heat flux at airflow rate of 1 m3/s 

 
In Figures 4 and 5, a bump can be found at the beginning of every floor curve. This is mainly attributed 
to the rectangular turn at the inlet tower’s bottom, which directs the air to flush over the duct floor. 
Accordingly, a stagnant flow region is formed at the bottom corner of the duct. This causes a relatively 
low heat flux at the first element of the surface. In addition, it is noted that the difference of the surface 
heat flux between the ceiling and the floor is very large. Beside the air-flushing effects, buoyancy-
driven airflow is believed to be the main reason for the difference.  
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Figure 6. Local area-averaged heat flux at different surfaces of the duct 



Further analysis on buoyancy effects 
To investigate the effects of the buoyancy-driven airflow on the heat convection, another simulation 
was conducted. In order to eliminate the air flushing effects, the ETAHE’s configuration was changed 
to a simple rectangular duct with height of 1 m. Its inlet and outlet openings become perpendicular to 
the duct length, and they are located at the two ends of the duct. The airflow rate is 1 m3/s. The 
temperature of the duct surfaces is 10°C and the inlet air is 30°C. The area-averaged heat flux results 
at different surface locations are shown in Figure 6. It is noted that except for the entrance region the 
heat flux curves are relative flat. However, the differences between the floor and other surfaces are still 
very large although uniform velocity boundary condition is used at the inlet. To find the reason, the air 
temperature profiles at different vertical axes on the middle plane are plotted in Figure 7.  
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Figure 7. Development of air temperature profiles at the middle plane of the duct 

 
As shown in Figure 7, the warm air from the inlet is gradually cooled along the duct length. The cooled 
air tends to move to the duct bottom. The development of the profiles along the flow indicates that the 
buoyancy force caused vertical temperature stratification in the duct. As results, the air temperature 
gradients near the floor become much less than those near the ceiling. 
 
CONCLUSION 
Field observation and earlier investigations have shown that simple change of ETAHE duct size can 
cause great difficulties in simulating their energy performance. In the large cross-sectional duct, the 
airflow and heat transfer are significantly different from thermally and hydrodynamically fully developed 
flow. Since the existing heat convection correlations are not applicable for such ETAHE problem, this 
research was aimed to use CFD modeling method to study the heat convection in the ducts. Knowing 
the deficiency of the standard ε−k  turbulent model with log-law wall function, a two-layer turbulent 
modeling method was selected. The comparison of results from simulations and experiments showed 
that the CFD method can simulate the heat convection process with satisfactory accuracy. The model 
was used to investigate the effects of airflow rate and duct height on the heat convection. As expected, 
increasing the airflow momentum by either increasing the airflow rate or decreasing the cross-sectional 
area enhanced the heat convection when other design parameters are fixed. It is important to notice 
that the variation of the surface heat flux is very large along the duct length and between the duct 
ceiling and the floor. To independently investigate the buoyancy effects on the heat transfer, the 
further simulation was performed on a simple horizontal duct. It was found that although uniform air 
velocity was applied at the inlet the differences of heat flux between the ceiling and the floor are still 
very large. Buoyancy force is identified to be the reason for the difference. The analysis indicates that 
an appropriate convective heat transfer model needs to be developed from future numerical 
experiments in order to accurately design and simulate large cross-sectional ETAHEs. 
 
NOMENCLATURE 
A  surface area, m2 
µA  constant 

lc  constant 

pc  specific heat capacity, J/(kg·K) 

µC  constant 



D  distance of the first grid from the wall, m 

jg  gravity acceleration in jx  direction, m/s2 

ch  convective heat transfer coefficient, W/(m2·K) 
I  turbulent intensity 
k  turbulent kinetic energy, m2/m2 
l turbulence length scale, m 
µl  turbulent length scale, m 

Pr  Prandtl number 
P effective pressure, pa 
wq  convective heat flow rate, W 

wq'  convective heat flux, W/m2 

yRe  turbulent Reynolds number 
T  temperature, °C 

0T  reference temperature, °C 

1T   temperature of air at the first grid next to the wall, °C  

inT  inlet air temperature, °C 

outT outlet air temperature, °C 

refT  reference temperature of the air, °C 

surfT surface temperature, °C 
u  velocity, m/s 
avgu  average velocity, m/s 

iu  and ju  are velocity in ix  and jx  directions, respectively, m/s 

Tu  friction velocity, m/s 

ix  and jx  ( i  and j  = 1, 2, 3) three perpendicular coordinates 
y  perpendicular distance of a grid from the nearest wall, m 
β  thermal expansion coefficient of air 
ε  turbulent kinetic energy dissipation rate 
λ  thermal conductivity, W/(m·K) 
µ  physical viscosity, kg/(m·s) 

tµ   turbulent viscosity, kg/(m·s) 
ρ  density, kg/m3 

tσ  turbulent Prandtl number for energy 
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